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Forces Caused by Front Shroud
Pump Leakage
Unsteady forces generated by fluid flow through the impeller shroud leakage path of a
centrifugal pump were investigated. The effect of leakage path inlet swirl (pump discharge
swirl) on the rotordynamic forces was re-examined. It was observed that increasing the
inlet swirl is destabilizing both for normal and tangential rotordynamic forces. Attempts to
reduce the swirl within the leakage path using ribs and grooves as swirl brakes showed
benefits only at low leakage flow rate. @DOI: 10.1115/1.1511164#1 Introduction
Previous experimental and analytical results have shown that
discharge to suction leakage flows in the annulus surrounding a
shrouded centrifugal pump contribute substantially to the fluid
induced rotordynamic forces ~@1,2#!. Experiments conducted in
the Rotor Force Test Facility ~RFTF! at Caltech on an impeller
undergoing a predetermined whirl motion have shown that the
contributions to the normal and tangential forces from the leakage
flows can be as much as 70% and 30% of the total, respectively
~@3#!. Other experiments ~@4#! examining the consequences of
leakage flows have shown that the rotordynamic forces are func-
tions not only of whirl ratio, but also of the leakage flow rate and
the impeller shroud to pump housing clearance. The magnitude of
rotordynamic forces were found to be inversely proportional to
the clearance. A region of forward subsynchronous whirl was
found for which the average tangential force was destabilizing.
Guinzburg et al. @5# examined the difference in rotordynamic
forces with and without a prescribed inlet swirl at entrance to the
leakage path. The tangential force increased in the presence of
inlet swirl, and hence the effect of inlet swirl was found to be
destabilizing. Uy and Brennen @6# continued the work and did a
parametric evaluation of the effect of inlet swirl. Later studies by
Sivo et al. @7# examined the effectiveness of antiswirl brakes in
reducing the destabilizing region of forward whirl.
Subsequent to the tests reported by Uy and Brennen, detailed
comparison of the leakage path pressure profiles strongly sug-
gested that the inlet swirl velocities were not consistent with the
inclination of the inlet swirl vanes as assumed by Uy and Bren-
nen. The present paper presents data in which the inlet swirl was
measured; this requires a reassessment of the effect of inlet swirl
on the rotordynamic coefficients. Also examined are the effects of
antiswirl brakes as well as antiswirl grooves within the leakage
pathway.
2 Rotordynamic Forces
Figure 1 shows a schematic of the hydrodynamic forces that act
on a rotating impeller whirling in a circular orbit. The unsteady
fluid forces ~which are functions of rotor displacement! acting on
the impeller due to the imposed whirl motion ~eccentricity «,
whirl frequency V! are decomposed into a force normal to the
direction of whirl motion, Fn , and a force in the direction of
forward whirl motion, Ft . ~Force moments would also occur from
rotor displacement, see Tsujimoto et al. @8#.! The normal and tan-
gential forces are traditionally presented in dimensionless form as
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and Ft from the present measurements is shown in Fig. 2.
It is convenient for rotordynamicists to fit Fn to a quadratic
function of the whirl frequency ratio, V/v, and to fit the dimen-
sionless tangential force, Ft , to a linear function as shown in Fig.
2. The appropriate expressions are
Fn5M S Vv D
2
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where the dimensionless coefficients are the direct added mass
~M!, direct damping ~C!, cross-coupled damping ~c!, direct stiff-
ness ~K!, and the cross-coupled stiffness ~k!. It should be noted
that the fluid-induced forces may not always conform to these
simple functions of the whirl frequency ratio. However, this as-
sumption is common in the rotordynamics literature. Brennen @9#
and Jery @3# contain more detailed discussions of the derivation of
Eqs. ~1!, and the process for experimentally measuring the forces.
In the present work all five force coefficients were directly evalu-
ated from the curve fits to the graphs of Fn and Ft .
For rotor stability, a positive normal force Fn will cause the
eccentricity to increase and hence be destabilizing. From Eqs. ~1!,
a large negative direct stiffness at zero whirl frequency (V/v
50) would correspond to such a case. When V/v is positive, a
positive tangential force Ft would also be destabilizing as this
would drive the forward whirl motion.
A convenient measure of the rotordynamic stability is the ratio
of cross-coupled stiffness to the direct damping ~i.e., k/C) which
is conventionally termed the whirl ratio. This defines the range of
positive subsynchronous whirl frequency ratios, 0,V/v,k/C ,
for which the tangential force is destabilizing.
3 Test Apparatus
The present experiments were conducted in the Rotor Force
Test Facility ~RFTF! at Caltech @3#. The leakage flow test section
of the facility is schematically shown in Fig. 3. The intention is to
isolate the leakage flow forces by using a solid rotor and to gen-
erate the flow through the leakage path by an auxiliary pump. The
main components of the test section apparatus consist of the solid
rotor, a stator ~the stationary shroud!, the rotating dynamometer
~or internal force balance!, an eccentric whirl mechanism and a
leakage exit seal ring. The working fluid is water. An inlet guide
vane is used for the tests with inlet swirl and is illustrated in Fig.
3.
The rotor is mounted directly to the rotating dynamometer,
which in turn is connected to a data acquisition system that per-
mits measurements of the rotordynamic force matrix components
~@3#!. The eccentric drive mechanism imposes a circular whirl
orbit on the main shaft rotation. The radius of the whirl orbit
~eccentricity! can be varied but this set of experiments used one002 by ASME DECEMBER 2002, Vol. 124 Õ 1005
eccentricity, «50.025 cm. The seal ring at the leakage exit mod-
els a wear ring. The clearance between the face seal and the im-
peller face is adjustable, but was set to 0.050 cm for these tests.
The tested leakage flow rate ranged up to 1.15 l/s. The tempera-
ture drift of the dynamometer electronics is postulated to be the
largest contributor to force measurement errors. The uncertainties
were evaluated experimentally and in all reported rotordynamic
force coefficients were 5% with the exception of the direct stiff-
ness, K, for which the uncertainty was 8%. The uncertainty in the
measurement of the flow rate was 1%.
The experimental configuration with the rotor and stator form-
ing the leakage path is shown in Fig. 3. The two rotor/stator con-
Fig. 1 Schematic of the fluid-induced forces acting on an im-
peller whirling in a circular orbit
Fig. 2 Typical nondimensional data for Fn and Ft from the cur-
rent experiments as functions of the whirl frequency ratio VÕv
data for contoured rotor with inlet swirl at f˜0.043
Fig. 3 Schematic of the experimental facility showing the rotor
and stator assembly left, the a˜6 deg inlet guide vanes
right and the location of the Pitot tubes1006 Õ Vol. 124, DECEMBER 2002figurations referred to in this paper ~the so-called conical and con-
toured rotor geometries! were described and used by Uy and
Brennen @9#. The present tests used primarily the contoured rotor
which has an eye-to-tip diameter ratio of 0.454, tip diameter of
18.73 cm, and an axial length of 4.29 cm. The rotor was designed
using a third-order polynomial with the contour parallel to the
centerline at the eye and perpendicular to the centerline at the tip.
The matching stator was constructed to maintain a constant clear-
ance, H50.30 cm, normal to the surfaces. The conical rotor has a
45-deg leakage path and has the same tip radius and the same
tip-to-eye diameter ratio as the contoured rotor. An axial clearance
device that models a face seal on a centrifugal pump is used. The
inner radius of the seal is 3.30 cm, and its clearance is set to 0.05
cm for all tests. The effect of inlet swirl was investigated by
installing guide vanes at the leakage inlet to introduce pre-rotation
in the direction of shaft rotation. Figure 3 shows a typical vane
consisting of a logarithmic spiral channel with a turning angle of
six deg. A series of vanes with angles a51 deg, 2 deg, and 6 deg
were fabricated. The swirl ratio, G ~the ratio of the leakage flow
circumferential velocity to the impeller tip velocity at inlet to the
leakage path! is varied by changing the inlet leakage flow rate and
the turning angle. Another inlet guide plate with a set of 24 radial
vanes designed to eliminate inlet swirl. The swirl ratio depends on
the flow coefficient and turning angle, a, according to G/f
5H/B tan a where B50.318 cm is the width of the logarithmic
spiral channel. A derivation of this relation ~which assumes all
leakage flow is constrained to follow the vane! is found in Guin-
zburg et al. @5#. The relation was assumed by Uy and Brennen @6#
in their presentation of the effects of inlet swirl on rotordynamic
forces.
However, during investigations of the leakage flow field, ques-
tions arose concerning the inlet velocities to the leakage path. One
source of these questions were comparisons between experimen-
tally measured leakage path pressure distributions and those cal-
culated theoretically. We digress here to cover this issue.
4 Leakage Path Pressure Distributions
We present the pressure profile comparisons which led to the
need for inlet swirl measurements ~for full details see @10#!. The
pressure profiles inside the leakage path were examined both ex-
perimentally and computationally for the conical impeller fitted
with the inlet guide vanes. The computations were done using the
new vorticity method for solving the Childs’ bulk flow equations
~@10#!. ~Using the original Childs’ perturbation method yields
qualitatively similar results.! Pressure taps drilled through the sta-
tor of the conical impeller provided water manometer measure-
ments for profiles of three different flows, f50.043, 0.054, and
0.065, using the 6 deg inlet guide vane, which was designed to
provide inlet swirl ratios of 0.4, 0.5, and 0.6, respectively, at each
of those flow rates. Experiments were conducted with the rotor
eccentric but not whirling (V/v50). The resulting pressure co-
efficient distributions are presented in Fig. 4; it can be seen that
Fig. 4 Comparison of the experimental measurements ˆ of
the pressure coefficient Cp profiles in the leakage path for
f˜0.043, 0.054, and 0.065 with the calculated profiles for inlet
swirl ratios of 0, 0.27, 0.4, and 0.5Transactions of the ASME
the experimental pressure profiles, referenced to the pressure at
inlet to the leakage path, are nearly identical for the three flows.
Computationally the inlet swirl was the only parameter which
affects the pressure profile significantly. As seen in Fig. 4, in all
three flows the pressure profiles are best matched by setting the
inlet swirl ratio in the computations to 0.25–0.27 of the rotor tip
speed. This finding motivated the inlet swirl measurements and
confirmed the suspicion that the inlet swirl was nearly the same
for all of the inlet guide vanes regardless of the flow rate. Since
there are only slight differences in the inlet structure of the conical
and contoured rotors, the same conclusion applies to the con-
toured rotor.
5 Inlet Swirl Measurements
Motivated by the preceding results, Pitot tubes were installed to
measure the flow velocities at inlet to the leakage path. Consider-
ations were given to using five-hole Pitot tubes. This was not
done, however, for several reasons. The flow velocities are likely
to vary with distance from the walls. This would mean that several
measurements at different distances from the walls would be
needed to accurately assess the flow, a difficult feat considering
the narrow spaces in the apparatus. In addition the flow is un-
steady and highly disturbed, making the accuracy of the flow
angle measurements a concern. Because of this, it was decided
that a cruder measurement of the velocity in the tangential direc-
tion would suffice for the purposes of ascertaining the inlet flow
conditions to the leakage path.
The stator had two holes drilled for insertion of the Pitot tubes,
as shown in Fig. 3. The Pitot tubes were placed immediately after
the exit of the inlet guide vanes and before the entrance to the
leakage path, a gap of approximately 0.8 cm normal to the axis of
rotation. Normally one would have the diameter of the Pitot tube
be less than one quarter of the gap. The Pitot tubes were fabricated
from 0.3 cm diameter stainless steel tubing. Their diameter is
therefore comparable to the leakage path clearance and the width
of the inlet guide vanes. The tubes were connected to the set of
water manometer mentioned earlier for stagnation pressure read-
ings. Existing pressure taps next to the Pitot tubes were used for
static pressure measurements. The difference between the readings
is the velocity head of the flow in the direction facing the Pitot
tube.
In most of the tests only the swirl velocity was measured by
setting the Pitot tubes tangent to the circumference. Changing
their orientation to face the flow directly did not change the mea-
surements, as the difference was within the uncertainties. Because
of the large diameter of the Pitot tubes compared to the gap width,
the measured velocities are likely to be some average value of the
velocity in the circumferential direction near the inlet to the leak-
age path. Though the measurements of the swirl velocity may be
imprecise, confidence in the results was bolstered by the agree-
ment between the measured pressure profiles and those calculated
using the measured inlet swirl ~@10#!.
Figure 5 shows that the inlet swirl vanes did not work as de-
signed; they almost all provided about the same inlet swirl. On the
other hand, the radial vanes did prevent inlet swirl at higher flow
rates. These velocity measurements are consistent with theoretical
predictions from the bulk flow model ~@10#!. It is postulated that
inside the small clearance in the guide vane structure, viscous
forces dominate and they act to slow the flow in the circumferen-
tial direction and expel the fluid in a more radial manner at the
exit from the guide vanes. Also some mixing may occur inside the
region between the end of the inlet guide vanes and the beginning
of the leakage path and would reduce the effects of inlet swirl
vanes.
Since the entrance regions of the contoured and the conical
geometries are very similar, there is no reason to expect their inlet
swirls would be different.Journal of Fluids Engineering6 Effects of Inlet Swirl
Uy and Brennen @6# performed a set of experiments to deter-
mine the effects of inlet swirl on the unsteady rotordynamic forces
on the contoured impeller. Different inlet swirl angles were em-
ployed to alter the inlet swirl ratio, and a swirl vane with radial
channels was used to generate data for zero inlet swirl. The flow
coefficients ranged from f50.01 to 0.066 using flow rates from
0.17 to 1.15 l/s at 1000 rpm. The Reynolds numbers for f
5 .055 were Rev527170 and Reus51494. Uy and Brennen as-
sumed the inlet swirl was consistent with the angles of the inlet
guide vanes and therefore published Fig. 6, which showed that for
nonzero inlet swirl, the magnitude of the inlet swirl, G, did not
affect the rotordynamic forces.
However, the later comparison of pressure profiles led to ques-
tions concerning the accuracy of the assumed inlet swirl in the
experiments ~@10#!. Subsequently, the Pitot tube measurements of
inlet swirl velocities did show that the assumed swirl velocities
were indeed incorrect. Figure 7 presents the corrected experimen-
tal data, showing only two inlet swirl ratios, evaluated using the
correct, measured values of the swirl. It shows that the effect of
swirl is destabilizing, as K becomes larger in negative magnitude
and k/C increases. The coefficients representing the tangential
forces, C and k, become larger with increasing swirl. At higher
flow coefficients, f.0.03, no discernible trends can be observed
in the rotordynamic coefficients for constant swirl.
However, the general comments made by Uy and Brennen on
the effect of swirl are still valid. For the coefficients which deter-
mine the normal force, M, c, and K, the added mass does not
exhibit an appreciable difference in the cases with and without
swirl. The magnitude of the direct stiffness is higher and the mag-
nitude of the cross-coupled damping is smaller with no inlet swirl.
In summary, the circumferential fluid velocity induced by inlet
swirl affects the rotordynamic behavior significantly, especially
the whirl ratio, which defines the range where tangential forces
are destabilizing.
The combined effect of inlet swirl and leakage path geometry
was also investigated. Figure 8 presents the rotordynamic force
coefficients for both the contoured and conical leakage path ge-
ometry, updated with the measured inlet swirls. The coefficients of
the normal force appear to be similar, but there are significant
differences in the trends and magnitudes of the cross-coupled
stiffness and direct damping, leading to substantial differences in
Fig. 5 Experimental inlet swirl ratio versus flow coefficient f,
with 6-deg inlet swirl vanes at 500 rpmL, 1000 rpmh, with
2-deg swirl vanes at 500 rpmn, 1000 rpms, and with radial
vanes at 1400 rpmˆ and 1000 rpm*DECEMBER 2002, Vol. 124 Õ 1007
1008 Õ Vol. 124, DECFig. 6 Experimental rotordynamic coefficients for the contoured rotor plotted
against flow coefficient, f, for tests with inlet swirl, G˜0.0 n, 0.4 ¿, 0.5
ˆ, 0.6 s and 0.7 * presented by Uy and Brennen 6 and here shown to
be inaccuratethe whirl ratio. The contoured rotor exhibits an increasing whirl
ratio with increasing flow rate, while the conical rotor exhibits the
opposite trend.
7 Antiswirl Ribs and Grooves
We now shift attention from inlet swirl to swirl reduction in the
leakage path by vanes installed within the passage. Previous in-EMBER 2002vestigations ~@7#! demonstrated some benefits from fitting anti-
swirl ribs to the surface of the stator; they decreased the destabi-
lizing forces. The inner surface of the conical stationary shroud
was designed to accept meridional ribs or swirl brakes along the
length of the leakage path. As shown in Fig. 9, four equally
spaced ribs, 0.5 cm wide and 0.16 cm high, were installed for
these tests. The effectiveness of cutting grooves on the stator sur-Fig. 7 Experimental rotordynamic coefficients for the contoured rotor plotted
against flow coefficient, f, for tests with inlet swirl, G˜0.0, s and 0.26 ˆTransactions of the ASME
Journal of Fluids EngFig. 8 Experimental rotordynamic coefficients plotted against flow coefficient
f for tests with inlet swirl with the contoured rotor h,G˜0.27 and the conical
rotor ˆ,G˜0.27face was also examined; the grooves duplicated the height and
width of the brakes.
With a rotating impeller, fluid swirl is obviously generated in
the leakage path, and the question arises as to how reducing this
swirl will affect rotordynamic forces. Therefore, the effects of
antiswirl ribs and grooves in the leakage path were investigated.
Work by Sivo @7# identified some benefits to having antiswirl ribs
in the leakage path, but only for very small flow coefficients.
Figure 10 shows the rotordynamic force coefficients as func-
tions of the flow coefficient for the conical impeller and shroud.
The tests were conducted with a 2-deg inlet swirl vane and com-
pare the effects of antiswirl ribs and grooves.
Note that the magnitude of the direct stiffness K is smallest for
the tests with no antiswirl devices. Thus in so far as the direct
stiffness is concerned, the stability improves with grooves and
even more with antiswirl ribs. However the cross-coupled damp-
ing coefficient does not show such changes, and the added mass
remains about the same for all three cases.
The direct damping of the tangential forces has the same mag-
nitude for all three cases, while the cross-coupled stiffness exhib-
its different trends. It decreases with flow coefficient with no swirl
reduction devices, and increases in the presence of antiswirl ribs.
With grooves, the cross-coupled stiffness first increases and thenineeringdecreases with flow coefficient. This leads to improvements in the
whirl ratio for antiswirl devices at low flow coefficients, but to a
detrimental effect at higher flow rates. The whirl ratio for the case
with antiswirl ribs is increasing with flow coefficient, in marked
contrast to the decreasing trend when no antiswirl devices are
present.
Thus it seems that antiswirl devices provide some benefit in
reducing the destabilizing region in the tangential forces only for
very small flow rates. They contribute to an increase in direct
stiffness, helping the stability of normal forces.
8 Discussion
Experimental data show that as with annular seals, the rotordy-
namic forces from front shroud leakage flows in pumps are sig-
nificantly affected by inlet swirl; an increase in the inlet swirl is
destabilizing for both the normal and tangential forces. This ob-
servation agrees qualitatively with trends predicted from bulk flow
computations. Reduction of inlet swirl provides significant ben-
efits for rotordynamic stability.
As the effects of inlet swirl are destabilizing, reducing the swirl
inside the leakage path might seem a beneficial strategy. The re-
sults, however, were mixed. At lower flow coefficients, swirl re-Fig. 9 Swirl reduction devicesDECEMBER 2002, Vol. 124 Õ 1009
1010 Õ Vol. 124, DECFig. 10 Rotordynamic coefficients plotted against flow coefficient for experi-
ments with inlet swirl: no antiswirl devices ˆ, four full-length antiswirl ribs
s, four full-length antiswirl grooves ¿.duction offered some benefit. However, at higher flow rates, the
antiswirl devices reduced the unstable normal forces but increased
the destabilizing tangential forces.
Nomenclature
B 5 width of inlet channel and swirl vane
C 5 direct damping normalized by rpvR2
2L
Cp 5 pressure coefficient, Dp/rv2R2
2
c 5 cross-coupled damping normalized by rpvR2
2L
Fn 5 force normal to whirl orbit/rpv2R2
2L«
Ft 5 force tangent to whirl orbit/rpv2R2
2L«
H 5 clearance between impeller shroud and housing
K 5 direct stiffness normalized by rpv2R2
2L
k 5 cross-coupled stiffness normalized by rpv2R2
2L
k/C 5 whirl ratio
L 5 axial length of the leakage path
M 5 direct added mass normalized by rpR2
2L
Q 5 volumetric leakage flow rate
R2 5 radius of rotor and leakage path inlet, 9.366 cm
Rev 5 Reynolds number, R2vH/n
Reus 5 Reynolds number, usH/n
Reuu 5 Reynolds number, uuH/n
us 5 mean leakage throughflow velocity, Q/2pR2H
uu 5 mean swirl velocity at the leakage path inlet
a 5 angle of logarithmic spiral swirl vane
Dp 5 static pressure minus pressure at leakage inlet
G 5 leakage inlet swirl ratio, uu /vR2
« 5 eccentricity of whirl orbit
n 5 kinematic viscosityEMBER 2002r 5 fluid density
f 5 leakage flow coefficient, us /vR2
v 5 main shaft radian frequency
V 5 whirl radian frequency
V/v 5 whirl frequency ratio
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